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Abstract: Electro-hydraulic proportional valve is the core control valve in many hydraulic systems used in agricultural and engineering machinery. To address the problem related to the large throttling losses and poor stability typically associated with these valves, here, the beneficial effects of a triangular groove structure on the related hydraulic response are studied. A mathematical model of the pressure compensation system based on the power-bond graph method is introduced, and the AMESim software is used to simulate its response. The results show that the triangular groove structure increases the jet angle and effectively compensates for the hydrodynamic force. The steady-state differential pressure at the valve port of the new pressure compensation structure was 0.65 MPa. Furthermore, experimental results show that the pressure difference at the main valve port is 0.73 MPa, and that the response time is less than 0.2 s. It is concluded that the new compensation structure has good pressure compensation response characteristics.
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1  Introduction

Electrohydraulic proportional valve is the core control valve of hydraulic systems used in agricultural and engineering machinery. Its performance determines the reliability, stability, accuracy, and green energy savings of the entire hydraulic system. The performance of the electrohydraulic proportional valve directly affects the quality and efficiency of the entire operation [1–5]. The main drawback of electrohydraulic proportional valves is their poor pressure-compensation stability, which cannot meet the operational requirements of modern agricultural equipment in complex and dynamic field environments. This significantly hinders the development of high-end hydraulic components [6–10].

In recent years, electrohydraulic proportional valves and their pressure compensation technologies have rapidly developed. Rexroth and Eaton developed supporting technologies and products to satisfy various system requirements [11–15]. Some scholars have conducted in-depth research on pressure compensation valves to overcome traditional technical barriers. Xia et al. [16,17] analyzed the flow-pressure characteristics of a pressure compensation valve by considering the shape of the orifice as the research object. Milic et al. [18,19] analyzed the pressure compensation problem in an LUDV multiway valve and found that by reducing the spring stiffness of the pressure compensation valve, one can effectively increase the hydraulic buffer and improve the compensation effect. Grosbrink et al. [20,21] found that a system with pre-valve compensation has better speed regulation rigidity. They also studied the post-valve pressure compensation of a pressure compensation valve. However, these studies generally have insufficient innovation, and their structural design should be optimized. The pressure-compensation analyses focused on a certain parameter or variable, while the influence of other parameters and boundary conditions was not fully considered. The fretting response characteristics were poor and difficult to discern from the results. Moreover, there was a lack of objects for comparison, and it was impossible to define the technical level of the research results [22–26].

Therefore, in this study, an electrohydraulic proportional control valve was selected as the research object, and an advanced international reversing valve was selected as the reference object [27–31]. A mathematical model of the pressure compensation system was established using the power bond diagram method. The influence of the triangular groove shape of the valve core on the hydrodynamic response characteristics was analyzed using FLUENT. Simulation models of the pressure compensation system were built using AMESim software. A multiparameter simulation of the pressure compensation performance was conducted, and the parameters of the electrohydraulic proportional valve were optimized. Finally, the accuracy of the mathematical and simulation models of the pressure compensation system was verified experimentally.

2  Structural Composition and Working Principle of the Pressure Compensation System in the Electrohydraulic Proportional Valve

The pressure compensation system of an electrohydraulic proportional valve consists of a pressure compensation valve, spring, main valve, and various oil passages. The structure of the pressure compensation valve is illustrated in Fig. 1. The pressure compensation valve has a series-type pre-valve pressure compensation and is connected in series to the throttle port of the main valve to form a two-way speed-regulating valve. This ensures that the working pressure difference of the throttle valve does not change with load pressure fluctuation and realizes the independent function of the load. The pressure compensation valve has a separate modular interface design that can be directly inserted into the valve body without adjustment. The pressure compensation valve has the advantages of high-precision control, robust reliability, a reasonable and compact structure, and ease of maintenance.
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Figure 1: System structure of pressure compensation valve

The working principle of the pressure compensation system is that, when the valve is in operation, the hydraulic oil from the pressure port flows into the pressure compensation valve spool through the thin-walled hole to reach the installation valve seat. Subsequently, the spool is pushed to the left toward the position where the thin-walled hole is closed. The pressure compensation valve port and thin-walled hole opens, and a portion of the hydraulic oil input from the pressure port flows into the main valve cavity. Thus, the load pressure and main valve orifice exhibit a logical relationship. The remaining hydraulic oil flows through the thin-walled hole into the pressure cavity formed by the right end of the pressure compensation valve spool and the installed valve seat and participates in the stress of the pressure compensation valve spool. After a certain period, the pressure-compensating valve spool reaches a balanced state.

3  Mathematical Model and Characteristic Analysis of Pressure Compensation System

3.1 Mathematical Model of the Pressure Compensation System Based on Power-Bond Diagram

Fig. 2 shows the power-bond model of the pressure compensation system based on the working principle of the pressure compensation valve.
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Figure 2: Power-bond diagram of the new pressure compensation system

A mathematical model is derived from the aforementioned power-bond diagram. The generalized displacement of element C and generalized momentum of element I in this system are considered as the state variables, which were set as Xi (i = 1, 2, 3, 4, 5, 6), expressed as follows:


{X1=∫q1dtX2=∫q2dt X3=∫q3dtX4=∫q4dt X5=∫FmdtX6=∫X⋅mdt,
(1)

which is


{X˙1=q1=qs−qRs−qa−qbX˙2=q2=qa−qc−qa−qdX˙3=q3=qb−qb3X˙4=q4=qc−qc4X˙5=Fm=Fb+Fc−Fk−Ff−Fd−Fw−FsX˙6=X˙m=1Im∫⁡Fmdt.
(2)

According to the above expressions, the state equation can be deduced as follows:


X˙1=−1C1X1(1Rs+1Ra+1Rb)+1C21RaX2+1C31RbX3+qs , 
(3)


X˙2=−1C2X2(1Ra+1Rc)+1C11RaX1+1C41RcX4−AmImX5 ,
(4)


X˙3=−1C31RbX3+1C11RbX1−AmImX5 , 
(5)


X˙4=−1C41RcX4+1C21RcX2−AmImX5 , 
(6)


X˙5=−BmImX5+AmC3X3+AmC4X4−1C5X6−k⋅x0−pd⋅Am−Fw−Fs ,
(7)


X˙6=1ImX5.
(8)

Each parameter in the formula is defined as follows:

Sf——Input source,


X1
——Compressed fluid volume at pressure compensation valve inlet (
m3
),


X2
——Volume of oil compressed from pressure compensation valve port to main valve cavity (
m3
),


X3
——Volume of oil compressed from the small hole on the left side of the pressure compensation valve spool to the installation seat (
m3
),


X4
——Volume of oil compressed from the small hole on the right side of the pressure compensation valve spool to the installation seat (
m3
),


X5
——Pressure compensation valve spool momentum (
N⋅s
),


X6
——Pressure compensation valve spool displacement (
m
),


qs
——Pressure compensation valve inlet flow 
(m3s)
,


k
——Pressure compensation valve spring rate 
(7000 Nm)
,


x0
——Pressure compensation valve spring precompression (0.013 
m
),


Xm
——Pressure compensation valve spool displacement (
m
),


Im
——Equivalent mass of pressure compensation valve spool (0.15 
kg
),


Bm
——Pressure compensation valve spool viscous damping coefficient 
(N⋅sm)
,


Am
——Radial cross-sectional area of the pressure-compensating valve spool (
m2
),


C1
——Hydraulic pump outlet pipe connecting the block chamber liquid volume 
(m3Pa)
,


C2
——Liquid volume from the pressure compensation valve to the main valve cavity oil passage 
(m3Pa)
,


C3
——Liquid capacity of oil passage inside the pressure compensation valve spool 
(m3Pa)
,


C4
——Equivalent oil passage fluid volume from small hole on right side of pressure compensation valve spool to installed valve seat 
(m3Pa)
,


C5
——Pressure compensation valve spring compliance 
(mN)
,


Rs
——Pump leakage resistance 
(kgm4⋅s)
,


Ra
——Pressure compensation valve port liquid resistance 
(kgm4⋅s)
,


Rb
——Equivalent liquid resistance of small-hole oil passage in pressure compensation valve spool 
(kgm4⋅s)
,


Rc
——Equivalent oil passage liquid resistance from small hole on right side of pressure compensation valve spool to installed valve seat 
(kgm4⋅s)
,


qa
——Flow through pressure compensation valve port 
(m3s)
,


qb
——Flow from the small hole on the left side of the pressure compensation valve spool into the spool interior 
(m3s)
,


qc
——Flow from the small hole on the right side of the pressure compensation valve spool into the spool interior 
(m3s)
,


qd
——Flow through the main valve port 
(m3s)
,


qb3
——Flow of oil from the small hole on the left side of the pressure compensation valve spool to the installed valve seat 
(m3s)
,


qc4
——Flow of oil from the small hole on the right side of the pressure compensation valve spool to the installed valve seat 
(m3s)
,


q1
——Compressed oil flow at pressure compensation valve inlet 
(m3s)
,


q2
——Compressed oil flow from behind the pressure compensation valve port to the main valve cavity 
(m3s)
,


q3
——Compressed oil flow from the small hole on the left side of the pressure-compensating valve spool to the installed valve seat 
(m3s)
,


q4
——Compressed oil flow from the small hole on the right side of the pressure compensation valve spool to the installed valve seat 
(m3s)
,


Fm
——Resultant force driving the movement of the pressure compensation valve spool (
N
),


Fk
——Spring force on the pressure compensation valve spool (
N
),


Ff
——Frictional force during movement of pressure-compensating valve spool (
N
),


Fb
——Axial force from the oil flowing from the left orifice of the pressure-compensating valve spool to the installed valve seat (
N
),


Fc
——Axial force from the oil flowing from the small hole on the right side of the pressure-compensating valve spool to the installed valve seat (
N
),


 Fd
——Axial force from the oil in the spring chamber on the pressure-compensating valve spool (
N
),


Fw
——Steady-state fluid power during movement of pressure compensation valve spool (
N
),


Fs
——Transient fluid power from pressure compensation valve spool movement (
N
).

3.2 Theoretical Calculation of the Main Parameters of the Pressure Compensation System

(1)   Calculation of the pressure compensation valve port liquid resistance.

The valve port of the pressure compensation valve is similar to the nonlinear liquid resistance and is expressed as follows:


Ra=(πCfdmX62ρ)−1Δpsa.
(9)

In the formula


Cf
——Orifice flow coefficient (0.61),


dm
——Pressure compensation valve spool diameter (0.018 m),


X6
——Valve opening (
m
),


ρ
——Oil density 
(900 kgm3)
.

(2)    Calculation of the liquid guide during the process, from the small hole on the left side to the installed valve seat through the valve spool interior.

During this process, oil passes through thin-walled holes 1, 2, and 3. The liquid guide of the thin-walled holes is given as follows:


1Rb1=CfA12C1ρ⋅X1 .
(10)

The following can be determined using the orifice flow formula: 
qb=KA1Δp1
, 
qb=KA2Δp2
, 
qb=KA3Δp3
, and 
Δpsb=Δp1+Δp2+Δp3
. The liquid guide of elongated holes 2 and 3 can be expressed as 
1Rb2=qbΔp2+Δp3=KA2A3A2+A3
. Therefore,


1Rb=1Rb1+Rb2=1(CfA12C1ρ⋅X1)−1+A2+A3KA2A3.
(11)

Each parameter in the formula is defined follows:


K
——Throttle factor (0.48),


A1
——Flow area of thin-walled orifice 1 
(m2)
,


A2
——Flow area of elongated hole 2 (
m2
),


A3
——Flow area of elongated hole 3 (
m2
).

Via calculation, it is known that


A1={(π−arccosr1−X6r1)r12+(r1−X6)2r1X6−X62 , 0≤X6≤2r1 0,   other 
(12)


A2=πr22 , 
(13)


A3=πr32 .
(14)

Each parameter in the formula is defined as follows:


β
——Central angle corresponding to the orifice opening (rad),


r1
——Radius of thin-walled hole 1 (0.001375
 m
),


r2
——Radius of elongated hole 2 (0.0011
 m
),


r3
——Radius of elongated hole 3 (0.0015
 m
).

(3)    Calculation of the liquid guide during the process, from the small hole on the right side to the installed valve seat through the valve spool interior.

Similar to (2), the liquid guide can be expressed as:


1Rc=1(CfA42C2ρ⋅X2)−1+A5+A6KA5A6, 
(15)


A4={r42⋅arccosr4−X6+0.0022r4 −(r4+0.0022−X6)r42−(r4+0.0022−X6)2, 0.0022<X6<2r4+0.0022 πr42, X6≥2r4+0.00220, X6≤0.0022, 
(16)


A5=πr52, 
(17)


A6=πr62.
(18)

Each parameter in the formula is defined as follows:


A4
——Flow area of thin-walled orifice 4 
(m2)
,


A5
——Flow area of elongated hole 5 
(m2)
,


A6
——Flow area of elongated hole 6 (
m2
),


γ
——central angle corresponding to orifice opening (rad),


r4
——Radius of thin-walled hole 4 (0.00165
 m
),


r5
——Radius of elongated hole 5 (0.0011
 m
),


r6
——Radius of elongated hole 6 (0.0015
 m
).

(4)    Calculation of fluid power on the pressure compensation valve spool.

The steady-state flow force can be expressed using the valve port flow and flow rate formulas as follows:


Fw=2CvCfAaΔpsa⋅cos cos θ , 
(19)


Fs=ρLCfdAadXm.2ρΔpsa⋅Xm.˙
(20)

Each parameter in the formula is defined as follows:


Cv
——Orifice flow rate coefficient (0.98),


Aa
——Orifice flow cross-sectional area 
(m2)
,


θ
——Throttle exit angle (1.1 rad),


L
——pressure compensation valve damping length (0.006
 m
).

The pressure compensation valve orifice was of the triangular groove type. The two orifices are arranged symmetrically; therefore, the flow area is:


Aa={0 , X6≤0 2[Rv2θT2−Rv(Rv−DTLTX6)sin sin θT2]⋅cos cos α , 0<X6<LT 2[Rv2θT2−Rv(Rv−DT)sin sin θT2]⋅cos cos α , X6≥LT , 
(21)


α=acrtanDTLT.
(22)

Therefore,


Fw={4CvCfΔpsa[Rv2θT2−Rv(Rv−DTLTX6)sin sin θT2]⋅cos cos α⋅cos cos θ, 0 <X6<LT 4CvCfΔpsa[Rv2θT2−Rv(Rv−DT)sin sin θT2]⋅cos cos α⋅, cos cos θ, X6≥LT , 
(23)


Fs={2ρLCfDTRvLTsinsin θT2 coscos α⋅Δpsa2ρ ⋅X˙6, 0≤X6≤LT 0,                                           other.
(24)

Each parameter in the formula is defined as follows:


Rv
——Pressure compensation valve pool shoulder radius (0.009 m),


θT
——Triangular groove corresponding to the central angle of the valve core (0.39 rad),


DT
——Radial height of triangular groove (0.001 m),


LT
——Axial length of triangular groove (0.0045 m),


α
——Projection angle (rad).

4  Simulation Results and Analysis

4.1 Simulation of Hydrodynamic Change in the Valve Core

An improved valve core structure was designed, as shown in Fig. 3. The valve stem was shaped like a round table by reducing the diameter on one side. A triangular groove was circumscribed on each step on the same side. After part of the liquid flow is guided through the triangular groove, the flow direction changes; that is, a flow component along the closing direction of the valve core is generated. This part of the liquid flow impacts the positive direction liquid flow, such that the flow angle of the liquid at the outlet increases; therefore, the jet angle increases and the hydrodynamic force decreases. As the diameter of one side of the valve stem decreases, the space on the side of the valve stem increases, enabling more liquid to be guided through the triangular groove, further reducing the hydraulic force.

[image: images]

Figure 3: Improved valve core structure

Fig. 4 shows the jet angle distribution at the outlet of the original valve core. Fig. 5 shows the change in the jet angle when the bottom radius of the fixed triangular groove remains unchanged and the bottom depth increases. The comparison shows that the improved structure effectively increases the jet angle at the outlet, which increases with the groove bottom depth.

[image: images]

Figure 4: Original spool jet angle
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Figure 5: Jet angle with increasing groove bottom depth

Fig. 6 shows the change in the jet angle when the fixed groove bottom depth is unchanged and the groove bottom radius increases. The comparison shows that the jet angle increases with an increase in the groove bottom radius; however, the change range of the jet angle is small.

[image: images]

Figure 6: Jet angle with increasing groove bottom radius

The simulation results showed that the triangular groove structure can produce a flow component in the negative direction. This part of the liquid impacts the liquid flow in the positive direction, such that the flow angle of the liquid flow at the outlet increases; that is, the jet angle increases. The structure effectively compensates for the hydrodynamic force.

4.2 Simulation of the New Pressure Compensation System

The simulation model of the pressure compensation system in the electrohydraulic proportional control valve of agricultural and engineering machinery is shown in Fig. 7. To compare the simulation results of the advanced reversing valve and optimize the design of the electrohydraulic proportional control valve parameters, the influences of the spring preload, spring stiffness, and pressure compensation valve viscous damping coefficient on the pressure-compensation characteristics were studied.

[image: images]

Figure 7: A simulation model of the new pressure compensation system

The simulation parameters of the model are set as shown in Table 1.

[image: images]

(1)    Influence of spring stiffness on compensation characteristics.

The spring stiffness comparison values were 20,000, 25,000, and 30,000 N/m. The simulation duration was set to 0.2 s. Fig. 8 shows the response curves for the different spring stiffness values.

[image: images]

Figure 8: Response curves for different spring stiffness values

From Fig. 8, it can be seen that as spring stiffness increases, the response speed of the output flow and differential pressure increases, peak time and peak value significantly decrease, system-adjustment time increases, stability decreases, and the steady-state output value slightly increases. For the displacement response of the pressure compensation valve spool, the peak value decreased as the spring stiffness increased; however, the maximum overshoot increased. When the spring stiffness was 30,000 N/m, the system adjustment time was shortest.

The spring preload affects the dynamic response and steady-state characteristics of the pressure compensation system of an electrohydraulic proportional valve. Within a certain range, the performance of the pressure compensation system can be improved by increasing spring stiffness. For the existing pressure compensation system model, the spring stiffness was set to 30,000 N/m.

(2)    Influence of the spring preload on the compensation characteristics.

The comparison values of the spring preloads were 456, 471, and 486 N. The simulation duration was set as 0.2 s. The simulation results are shown in Fig. 9.
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Figure 9: Response curves for different spring preloads

Fig. 9 shows that the impact of the spring preload on the dynamic response and steady-state characteristics of the pressure compensation system of the electrohydraulic proportional valve. With the increase in spring preload of the pressure compensation valve, the maximum overshoot of the output flow and differential pressure significantly decreased, and the response stability slightly improved and the time to reach a steady-state decreased accordingly. The best response of the spool displacement was obtained at a spring preload of 471 N. When the preload was 486 N, the greatest fluctuation in spool displacement and longest system adjustment time were observed.

With the other parameters of the system remaining constant, increasing the spring preload of the pressure compensation valve within a certain range improves the stability of the pressure difference of the pressure compensation system, and the response characteristics of the output flow. It also improves the electrohydraulic pressure-compensation characteristic index of the proportional valve. For the current pressure compensation system model, a spring preload of 471 N is ideal.

(3)    Influence of viscous friction coefficient on compensation characteristics.

The viscous friction coefficients in the dynamic simulation model were set as 0.5, 1.5, and 2.5 s⋅N⁄m, while other system parameters remained unchanged. The system pressure, load pressure, and simulation duration were 30, 29, and 0.2 s, respectively. The response curves for different viscous friction coefficients were obtained and are presented in Fig. 10.
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Figure 10: Response curves for different viscous friction coefficients

Fig. 10 shows that the change laws of the output flow-response curve and main valve port differential-pressure response curve are approximately the same. With the increase in the viscous friction coefficient, the peak value of the curve significantly increased, the peak time was slightly delayed, the maximum overshoot increased, and the system stability deteriorated. The time to reach a stable output state was the shortest at a viscous friction coefficient of 
2.5s⋅Nm
. For the displacement-response curve of the pressure compensation valve spool, the peak values of the viscous friction coefficients were 0.5, 1.5, and 2.5 s⋅N/m. As the degree of fluctuation of the displacement decreased, the stability improved, and the system adjustment time decreased.

The magnitude of the viscous friction coefficient is a key factor affecting the dynamic response and steady-state characteristics of the pressure compensation system of the electrohydraulic proportional valve. Within a certain range, increasing or decreasing the viscous friction coefficient improved the performance of the pressure compensation system. Thus, in the design and manufacturing process, designers should pay special attention to the indirect control of the viscous friction coefficient. In the existing pressure compensation system model, the viscous friction coefficient was set to 2.5 s⋅N/m.

5  Experimental Verification

An electrohydraulic proportional-valve hydraulic system test platform was built to verify the accuracy of the mathematical model and simulation results of the pressure compensation system of the electrohydraulic proportional valve, as shown in Fig. 11. The test platform consisted of a measured electrohydraulic proportional valve, proportional electromagnet, load proportional relief valve, electrohydraulic proportional controller, and data acquisition system.

[image: images]

Figure 11: Electrohydraulic proportional valve hydraulic system test platform

The system pressure was set to 30 MPa, and the loading pressure of the load-proportional relief valve was set to 29 MPa. A step signal with an amplitude of 8 V is applied to the proportional controller. The output flow response, spool displacement response, and main valve port differential pressure-response curves were obtained experimentally, as shown in Fig. 12.

[image: images][image: images]

Figure 12: System response curves under step signal

As shown in Fig. 12, the steady-state value of the output flow was 89.1 L⁄min, the maximum overshoot was approximately 33.3%, and the adjustment time was 0.12 s. The displacement-response time of the pressure compensation valve spool was 0.15 s, and the steady-state value was −0.49 mm. The response time of the pressure difference at the valve port was 0.2 s. The steady-state pressure difference was 0.73 MPa. When the main valve spool was at rest, the pressure difference between the two ends was 0.65 MPa. When the main valve port was open, the differential pressure changed dynamically with the response of the system pressure, causing output flow fluctuations. Thus, the trends in the changes shown in Figs. 12a and 12c are the same.

A comparison of the response curves of the test and simulation show that the simulation model built in this study accurately simulates the dynamic characteristics of the actual pressure compensation system.

6  Conclusion

(1)   The influence of the triangular groove shape of the valve core on the hydrodynamic response characteristics was analyzed using FLUENT software. The results showed that the triangular groove structure could produce a flow component in the negative direction. This part of the liquid flow reversely impacts the liquid flowing in the positive direction, thereby increasing the flow angle of the liquid at the outlet and jet angle. This structure effectively compensated for the hydrodynamic force and reduced pressure loss along the path.

(2)   The simulation models of the pressure compensation systems were built using AMESIM software. The influence of the pressure compensation valve spring preload, spring stiffness, and viscous damping coefficient on the pressure compensation characteristics was studied. The final spring preload, spring rate, and viscous damping coefficient were 471 N, 30000 N/m, and 2.5 s⋅N/m, respectively. A comparison of the load-step changes for the two systems showed that the response times of both systems were similar. The maximum fluctuations of the new pressure compensation system were 0.54 L/min, 0.017, and 0.006 MPa, with improved stability. In other words, its pressure compensation characteristics were better than those of the reverse valve.

(3)   A test platform was built to evaluate the electrohydraulic proportional valve. The results showed that the pressure difference at the main valve port was approximately 0.73 MPa, and the response time was approximately 0.2 s. The test and simulation curves were consistent, which verifies the accuracy of the mathematical and simulation models. An experimental analysis of different working conditions proved that the electrohydraulic proportional valve has good pressure-compensation performance and can replace similar products.
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Table 1: Main parameters of the simulation model

Serial Parameter Numerical Unit

number value

1 Pressure compensation valve spring rate 22 N/mm

2 Pressure compensation valve spring preload 454 N

3 Pressure compensation valve spool viscous damping 6.32 N-s/m
coefficient

4 Pressure compensation valve damping length 0.006 m

5 Equivalent mass of pressure compensation valve spool 0.2 kg

6 Control cavity orifice diameter 1.8 mm

7 Oil supply flow 200 L/min

8 Load pressure 29 MPa
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